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ABSTRACT 

 
     A thermodynamic model has been developed and applied to predict the cylinder 
pressure and temperature with performance of a spark ignition engine. The model 
simulates the full thermodynamic cycle of the engine and includes heat transfer, 
combustion, gas exchange process, thermal dissociation of water and carbon dioxide, and 
chemical equilibrium. A comparison of results from the model and the experimental 
research shows good agreement.  
 
 

BUJİ İLE ATE ŞLEMEL İ MOTOR ÇEVR İMİNİN  
TERMOD İNAM İK MODEL İ 

 
ÖZET 

 
     Yapılan çalışmada, bir termodinamik model geliştirilerek, buji ile ateşlemeli bir 
motorun silidir basınç ve sıcaklık değerlerini ve performansını tahmin etmek için 
kullanılmıştır. Kurulan model, motorun tüm termodinamik çevrimini yansıtmakta ve 
motordaki yanma olayını, ısı transferini, dolgu değişimini, yanma ürünlerinin ısıl 
ayrışmasını ve kimyasal denge şartlarını içermektedir. Kurulan model ile deneysel 
çalışmalardan alınan sonuçların karşılaştırılması uygunluk göstermektedir.  
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1. INTRODUCTION 
 

     The reciprocating internal combustion engine has found its widest use in 
the automotive industry, although this type of engine has been utilized in 
numerous other applications as well. The higher power to weight or volume 
ratio, relatively lower cost and easy maintenance of the reciprocating engine 
have made it popular for land transport. The development and production of 
the modern spark ignition engines is very important to market and 
legislation requirements which demand low cost, high performance engines 
with low fuel consumption and reduced emissions of pollutant. Because 
these factors are directly related to the combustion process in the cylinder of 
engine, many researches have been achieved to identify the parameters 
which affect the combustion efficiency and pollutant formation. 
  

     Motor vehicles are responsible for a significant amount of environmental 
pollution, especially in urban areas. Non-stoichiometric combustion is the 
consequence of the mode of operation and design constraints on the 
reciprocating engines, producing high toxic CO, NOx and HC emissions to 
the atmosphere. After the realization of the fact that the motor vehicles are 
one of the major contributors to high toxic emissions in the atmosphere in 
urban areas, tough measures have been introduced to control and reduce 
such emissions from vehicles. Thus, the design of automobile engines is 
very important to reduce emissions of these pollutants. On the other hand, 
design and operating variables not only influence the levels of pollutant 
emissions, but also these parameters affect the engine power output and 
efficiency. Thus, while we investigate various emission control strategies, 
we must also consider their effects on engine performance. 
 

     A number of sources for NOx emissions from spark ignition engines has 
been identified through experimental and theoretical work and some useful 
information obtained and adopted in engine design. The research works still 
continue on this subject. 
 

     Mathematical modelling has been one of the tools in meeting the 
challenge of reduced exhaust emissions and achieving good fuel economy. 
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Since, mathematical modelling of the engines has been a subject of research 
helping to define key controlling variables, giving clearer insight to the 
physical processes and its ability to predict behaviour under different 
operating conditions and in general powerful tool in engine design [1] .On 
the other hand, succesful mathematical modelling offers some advantages 
over traditional experimental procedures. It has proved to be cost effective 
and requiring shorter analysis times in design over experimental methods. In 
addition, increasing computer power has given rise to improvement in the 
numerical methods applied to the simulation of the relevant thermodynamic 
and gas dynamic phenomena. 
 

     In this study, a thermodynamic model has been developed for the spark 
ignition engine cycle, to obtain the engine characteristics of emissions and 
performance. Then, by using this model, the pressure and temperature 
values have been computed as a function of crank angle and thus, 
performance of engine have been invastigated for the various stoichiometric 
ratio, λ, values. 
 

     For the thermodynamic model, the engine cylinder is assumed to consist 
of two very distinct zones separated by the infinitely thin flame front. These 
are the unburned gas zone and burned gas zone. The pressure in these zones 
is assumed the same, but all other properties are different. Then, 
compression, combustion, and expansion processes are calculated using 
basic thermodynamic relation. 
 

     For the compression process, with the assumption of adiabatic 
compression, the pressure in the cylinder and the temperature of the 
unburned gas are determined from the relations for the adiabatic 
compression. Thermodynamic coefficients and empirical functions for the 
calculation of specific heat values of the mixture of reactants and products 
are taken from Turns [2] and from Heywood [1] .  
 

     For the combustion and expansion processes, a relation between the 
cylinder pressure, P, and the crank angle, θ, has been obtained by applying 
the first law of thermodynamic to the engine cylinder. This relation includes 
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the rate of volume change, and the combustion and heat transfer rates, and is 
in the form of the following equation, 
 
 
 
 
     In this study, the combustion rate has been calculated from the burned 
gas mass fraction equation, X(θ) given by Vibe [3], and the heat transfer 
rate has been determined by using Annand heat transfer relationship [4]. 
Also, the rate of volume change is calculated from the engine geometry. 
Then, to solve the above equation step by step for the crank angle, θ, the 
Euler’s Method has been used. 
 

     The products of combustion of the fuel-air mixture have been calculated 
by using the dissociation of water and carbon dioxide, and preparing a 
chemical mass balance for Carbon, Hydrogen, and Oxygen. Then, with 
these calculated values, the burned gas properties have been determined 
from the empirical relations. 
 

     After the calculation of the cylinder pressure P, the unburned and burned 
gas temperatures, Tu and Tb, respectively, have been determined by using 
the basic thermodynamic relations. Then, by using these pressure and 
temperature values, the engine power output (or mean effective pressure) 
and specific fuel consumption are calculated. 
      
     The fuel-air mixture, which is inducted into the engine cylinder at 
atmospheric conditions, mixes with the residual gas from the previous cycle. 
Thus, this mixing process changes the fresh fuel-air mixture pressure and 
temperature. At the first stage of this study, the final mixture properties have 
been obtained by using basic thermodynamic relations. 
 
 

2. THERMODYNAMIC MODEL OF THE ENGINE CYCLE 
 

     The mathematical modelling of the combustion process is based upon a 
homogeneous gas-air combustible mixture, through which the flame 

(1) 
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propagates from the spark. This introduces the concept of two very distinct 
zones separated by the infinitely thin flame front. The pressure in the 
reactant and product zones is same, but all other properties are different. 
However, the properties are assumed homogeneous within the zones. The 
heat transfer to the cylinder wall and product dissociations are considered. 
The properties of the reactants and products are determined by balancing the 
first law of thermodynamic for the engine cylinder. 
 

2. 1. Cycle Analysis 

                                 Figure 1. Engine Thermodynamic System 
 
     We consider a control volume that encloses all the gases in the cylinder. 
Mass enters the control volume through the intake valve at flow rate, mi . 
And mass leaves through the exhaust valve at flow rate, me , as shown in 
Figure 1. The first law of thermodynamics for this control volume is, 

where 
     U ; the total internal energy of the gases contained in the cylinder (kJ) 

dt

dW

dt

dQ
hmhm

dt

dU
eeii −+−=

..

(2) 
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     hi, he; the mass specific enthalpies of the incoming and exiting flows (kJ / 
kg) 
     Q ; the heat that is transferred to the surroundings from the gases (kJ) 
     W ; the work which is done by the gases (kJ). 
 

     If we consider the time between closing the intake valve and opening the 
exhaust valve, and assume that there are no leaks from the cylinder, no mass 
enters or leaves the cylinder. And, the engine frequency is 
 

then, the energy equation is 

 

where θ is the crank angle. 
 

     The work done by the gases is computed assuming the pressure in the 
cylinder is uniform, 
 

where P ; pressure and V ; volume. 
 

     Consequently, the energy equation for the cylinder is 

 
     The total internal energy of the gas can be written, by characterizing both 
the burned and unburned gases by mass average properties, with a mass 
fraction of burned gas, X; 
 

θθ d

dV
P

d

dW =

θθθ d

dV
P

d

dQ

d

dU −=

dt

dθω =

θθθ d

dW

d

dQ

d

dU −=

(3) 

(4) 

(5) 

(6) 

(7) 
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where < > denotes an average over the entire mass of burned or unburned 
gas in the cylinder, and  
     m; the total mass of the charge (kg) 
     X; the mass fraction of burned gas, X = mb / m , (kg / kg) 
     <ub> , <uu>; the average specific internal energy of the burned and 
unburned gas, respectively (kJ / kg) . 
 

     The unburned gas is quite uniform in temperature, the burned gas is not. 
Because, there are temperature gradients in the burned gas caused by the 
progressive burning and by the boundary layer heat loss. Thus, we can 
write,  

 

     While the specific heats vary with temperature, that variation is small 
over a limited temperature range. If we assume constant specific heats, this 
assumption will simplify our analysis of the engine cycle. To minimize the 
errors introduced by this simplification, the specific heats will be evaluated 
for the actual composition of the gases in the cylinder as an average over the 
temperature range encountered by those gases.  
 

     Thus, for the temperature interval, T1 < T < T2 , this average becomes,  
 

     The enthalpy of an ideal gas, which is at temperature T, can be written 
as,  

    Then, the internal energy of an ideal gas is written as,  

( ) ub uXmumXU −+= 1

uu uu =

( )

( )12

2

1

TT

dTTc

c

T

T

p

p

i

i −
=
∫

( ) ( ) ( ) ( )∫+∆=−+∆=
T

T

PifiTTifTi dTTcThhhThh
i

0

0 0,0,,

TRhPvhu iTiTiTi −=−= ,,,

(8) 

(9) 

(10) 

(11) 
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     The enthalpy and internal energies of the burned and unburned portions 
of the gas can be expressed in terms of the average specific heats by 

 
and similarly, 

 

where au and ab include the reference temperature terms and the energies of 
formation, hence, 

where, 
     ∆hf,i(T0) ; enthalpy of formation at standard reference state (kJ / kg) 
 

     Properties calculation equations and polynomial coefficients are taken 
from Turns [2], for air and combustion products, and from Heywood [1] , 
for fuel. The specific heat of species (k) for a substance at a temperature, T, 
can be calculated from; 

 

where “ at (t = 1 to 5) ” are the polynomial coefficients for the species k. 
 

     Then, the total internal energy of the gas in the cylinder is 
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+=−+=
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(16) 
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(13) 

(14) 

(15) 
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     The total volume of burned and unburned gases must equal the volume in 
the cylinder at any crank angle, 

 

where  
     <vb> ; the mean specific volume of the burned gas (m3 / kg) 
     vu ; the mean specific volume of the unburned gas (m3 / kg) 
then, 

thus, 
 

noting that,  
 

where k is the ratio of specific heats, now equation (18) can be written as, 
 

     Now, equation (21) is written into equation (16) and we can eliminate the 
burned temperature from the energy equation,  

     At the end of the intake stroke, the cylinder is filled with a uniform 
mixture of fuel and air. The pressure, cylinder volume, and gas temperature 
at the time the intake valve closes are P1, V1, and T1, respectively. Because 
temperature difference between the unburned gas and the cylinder wall is 
small, we can assume that the compression of this gas is approximately 
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adiabatic. Then the pressure in the cylinder can be determined from the 
formula for the relation between pressure and volume in adiabatic 
compression, from the crank angle at which intake valve closes to the angle 
at which the spark plug ignites the mixture. 

 

     The temperature of the unburned gas throughout the cycle is computed 
by adiabatic compression, 

 
then, equation (24) is written into the energy equation (22), 

 

and equation (25) is written into the energy equation for the cylinder (6), 

 

     Thus, we have the rate of change of the cylinder pressure in terms of the 
conditions at the end of the intake stroke, the rate of volume change, and the 
combustion and heat transfer rates, 

( ) ( ) u

u

k

k

u P

P
TT

1

1
1

−









= θθ

( ) ( )
11

11

1

1
1 −

++
















−
−

−+−=

−

b
b

k

k

V
b

ub
u k

PV
mXa

P

P
Tc

k

kk
XmaXmU

u

u

u

( ) ( )

θθ

θ

θθθ

d

dV
P

d

dQ

k

PV
mXa

P

P
Tc

k

kk
XmaXm

d

d

d

dV
P

d

dQ

d

dU

b
b

k

k

V
b

ub
u

u

u

u

−=

















−
++

















−
−

−+−

−=

−

11
11

1

1
1

( )
1

..
1

.
1

..1.

.
11

1

1

1

1

1
1

−
+















 −









−
−

−


































−
−

−−−
−

−

= −

−

b

k

k

u

u

b

ub
V

k

k

V
b

ub
ub

b

b

k

V

P

P

P

T

k

k

k

kk
cXm

d

dX

P

P
Tc

k

kk
aam

d

dV
P

k

k

d

dQ

d

dP

u

u

u

u

u

u θθθ

θ

(24) 

(27) 

( ) ( )
uk

V

V
PP 







=
θ

θ 1
1

(25) 

(26) 

(23) 



Thermodynamic Model of The Cycle of Spark Ignition Engine 
 
 

 35 

 
2. 2. Combustion Rate 
 

     Instead of developing detailed fluid mechanical of combustion process, 
we can specify a simple functional form for X that shows the essential 
features of actual combustion profiles. This profile is a delay from the time 
the spark is fired until the pressure rise, which is associated with 
combustion, becomes appreciable, an accelerating combustion rate until a 
large fraction of the charge is burned, followed by a decreasing burn rate. In 
this study, the following empirical relation, which is given by Vibe [3] , has 
been used , 
 

 
then, the combustion rate is 
 

where 
     θ0 ; the crank angle at which the spark is fired (degrees) 
     ∆θc ; the combustion duration (crank angle degrees) 
 
2. 3. Heat Transfer Calculation 
 

     In the first law equation, Q is the net heat transfer to the cylinder, that is 
the heat transfer either to or from the cylinder. In this cycle modelling, heat 
transfer is calculated using Annand heat transfer relationship [4] . This heat 
transfer relation consists of convection and radiation heat transfer terms, 
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where 

     h ; the convective heat transfer coefficient (W / m2K)  
     Nu ; the Nusselt number 
     k ; the gas thermal conductivity (W / m K) 
     D ; the cylinder diameter (m) 
     A, B, C ; the coefficients 
     Re ; the Reynolds number 
 

     ρ ; the gas density (kg / m3) 
     µ ; the gas viscosity (kg / ms) 
     Vp ; the mean piston speed (m / s) 
     At ; the total heat transfer area (m2) 
     Tg ; the mean gas temperature (K) 
     Tw ; the mean wall temperature (K) 
 

     Then, the combustion rate is  
 

and with the assumption of dQu / dt = 0 , 

 

where, 
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and Ab = At.X

1/2 suggested by Ferguson et. al. [5] , also because of dQu / dt 
= 0, Tw = Tu. 
 

     The properties, which are used in the above equations, are functions of 
the gas temperature, and in the case of “ ρ ” , a function of pressure too. To 
calculate these properties, the burned gas is treated as air. Below, there is 
the summary of how they are determined.  
 

     The kinematic viscosity is calculated by 

where  
     Tr ; the reference temperature (=300 K) 
     µr ; the gas viscosity at the reference temperature (=1.846 10-5 kg / ms) 
     n = 0.71 suggested by Perry [6] . 
 

     The gas thermal conductivity is given by Kannuluik & Carman [7] 

 
     And, the gas density can be calculated as follows, 
 

where  
     ρr ; the gas density at the reference temperature (=1.177 kg / m3) 
     P ; the pressure (kPa) 
     Pr ; the reference pressure (=101.325 kPa) 
 

     Annand suggested a value of 0.70 or 0.75 for coefficient B, also 
suggested that the coefficient A should be selected between 0.35 and 0.8 [2]. 
In this study, the coefficient A is chosen as 0.35 . And, the value of 0.70 is 

n

r

g
r T

T
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chosen for the coefficient B. The radiation coefficient C is given as 4.5x10-9 
W/m2K4 by Annand [2].  
 

     At early times, when very little of the charge has burned, the burned gas 
temperature is particularly sensitive to small errors and modelling 
inadequacies. Because, it is difficult to say what the heat losses are during 
the early part of the burn. Hence, for the very first crank angles, from the 
time at which the spark is fired until the time when approximately 5 or 7 
percent of the charge is burned, the adiabatic flame temperature is used for 
the burned gas temperature.  
 

     On the other hand, for the expansion stroke, the time-dependent wall 
temperature is modelled by assuming a conductive resistance, Rw, for the 
walls with a coolant temperature Tc . Then,  

where 
     Rw ; the conductive resistance (=0.005 K / W) 
     Tc ; the effective coolant temperature (=350 K) 
 

2. 4. Rate of Volume Change  
 

     The compression ratio is 

where  
     Vc ; the clearance volume (m3) 
     Vd ; the displacement volume (m3) 
 

     The volume in the cylinder can be expressed as a simple function of the 
crank angle θ; 
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dQ
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where,  

where  
     λ = r / L 
     L ; the piston rod length (m) 
     r ; the length of the crank arm (m) 
 

     Then, the rate of change of volume is 
 

and the total wall area is 

 

2. 5. Combustion Stoichiometry 
 

     The burned gas properties are computed assuming chemical equilibrium 
among six products of combustion. The products of the reaction are 
numerous. Major products of lean combustion are H2O, CO2, O2, and N2; 
while for rich combustion, they are H2O, CO2, CO, H2, and N2. On the other 
hand, there are the minor species of equilibrium combustion of 
hydrocarbons in air. These are the atoms O and H, and the diatomic species 
OH and NO. 
 

     But in this research, only the following stoichiometric equation is 
considered, 
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in which the dissociations of water and carbon dioxide are considered. In 
this equation, the coefficient a represent the ratio of the number of moles of 
O2 in the reactants to the number of moles of fuel. We can relate a to the 
equivalence ratio, Ф ; 

 

thus, given the fuel type and Ф ( or λ ) , a is a known quantity. 
 

     In addition, in the above equation, w is the specific humidity,  
 

where,  
     φ ; the relative humidity 
     Pa ; the air pressure at the temperature Ta (kPa) 
     Pg ; the saturation pressure of water at the temperature Ta (K)  
and, 

 

where, Mha ; the molecular weight of the humid air (kg / kmol). 
 

     Although the products of combustion of the hydrocarbon-air mixture 
may contain a large number of species, their numbers are limited to CO2, 
CO, H2O, H2, O2, and N2 in this study. Because the dissociation of nitrogen 
requires a higher temperature relatively to the dissociation of water and 
carbon dioxide, this process is not included. Thus, its effect on the energy 
balance is negligible.  
 
     The numbers of moles; b, c, d, e, and f, are dependent on the degree of 
dissociation of the reacting substances. To solve for the five unknowns, five 
simultaneous equations are required. The way to obtain these equations is 
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preparing a chemical mass balance and by considering the following basic 
equilibrium reactions;  
 

     The first equation, which is water-gas shift reaction, states that in 
equilibrium the rate of formation of H2 and CO2 is equal to the rate of 
formation of CO and H2O. Their proportions in the mixture can be 
determined from the equilibrium equation of the form;  

 

where PCO2, PH2, PH2O, PCO are the partial pressure of CO2, H2, H2O, and 
CO, respectively. 
 

     Similarly for the second dissociation equation, which is the carbon 
monoxide reaction, the equilibrium equation is of the form; 

 

where PO2 is the partial pressure of O2. 
 

     Because of yi = Ni / Nt = Pi / P, we can write; 
 

and, 

 

where, Nt = b + c + d + e + f + 3.762a . 
 
     KP1 and KP2 are equilibrium constants and are function of temperature 
only. And, their values are calculated from the Gibbs function or given in 
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tables. Similar tabulations are found in the JANAF tables [8]. In this 
research, they are given as a function of temperature in a polynomial of 5th 
degree; 
 

     Other relations involving b, c, d, e, and f are obtained by using a 
chemical mass balance for carbon, hydrogen, and oxygen; 
 
     Carbon;                                        m = b+ c 

     Hydrogen;                        n / 2 + 7,656w.a = d + e  

     Oxygen;                    2a + 7,656w.a = 2 b +c + d + 2f 

 

and, with, 

 

     Combining these five equations above gives, 

2
1

2
1

2
12

1

.

.

.

P

N

fc

b
K

cd

eb
K

t
P

P

=

=

afwa
n

mNt 762.3656.7
2

++++=

42

nec
maf −++−=

( ) 








−
+−








 +
=

cm

cK
cm

wa
n

cK

e
P

P

1

1

1

656.7
2























+

=
2

1

2

.
1

t
P N

fP
K

m
c

(55) 

(56) 

(57) 



Thermodynamic Model of The Cycle of Spark Ignition Engine 
 
 

 43 

     Firstly, we can obtain f, c, e, and Nt by solving these equations iteratively 
by using first value of f = a – m – n / 4 from the stoichiometric combustion. 
Then, b and d can be calculated from the equations;  
 

     Thus, with these known values, we can calculate the mixture properties 
and solve the first law of thermodynamics for the modelling. The fuel, 
which is indicated by the formula “CmHn”, is assumed to be iso-octane; thus, 
m = 8 and n = 18 . 
 

2. 6. Gas Exchange Processes 
 

     The fuel-air mixture, which is introduced into the cylinder of the engine 
at atmospheric pressure, Pa, and temperature, Ta, conditions, mixes with the 
residual gas from the previous cycle. Thus, this process changes the pressure 
and temperature of the final mixture, before the compression stroke. At the 
first stage of this study, thermodynamic properties of the final mixture are 
calculated from basic thermodynamic relations. To calculate the final 
mixture properties, parameters such as induction air pressure, Pi, and 
exhaust discharge pressure, Pe, are kept constant. 
 

2. 7. Solution Procedure 
 

     The pressure in the cylinder, P can be calculated by using equation (27) 
with the combustion rate given by equation (29), and with expression for 
heat transfer given by equation (34) . After the pressure in the cylinder is 
calculated, the mean unburned and burned gas temperatures can be 
determined by using equation (24) and equation (19), respectively. 
 

     In this research, to calculate the pressure in the cylinder from the 
equation (27), the Euler’s Method is used. This method consists of the 
following formulas; 
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where, 
     Pi ; the value at the current step (kPa) 
     Pi+1 ; the value at the next step (kPa) 
     ∆θ ; the step size (crank angle degrees) 
      
3. PERFORMING OF THE CYCLE MODELLING AND RESULTS 
 

3. 1. Engine Geometry and Operating Conditions 
 

Stoichiometric Ratio ; λ = 1.05 
Percentage of EGR ; EGR = % 10 
Engine Speed ; n = 3000 rpm 
Spark Timing ; θ0 = 27 Deg. Before Top Dead Center 
Combustion Duration ; ∆θc = 51 Crank Angle Degrees 
Compression Ratio ; ε = 8 
Bore ; D = 73 mm 
Stroke ; S = 72 mm 
Rod Length ; L = 120 mm 
Crank Arm Length ; r = 36 mm 
Number of Cylinders ; z = 4 
Fuel ; Iso-octane ( C8H18 ) 
Intake valve opens ; 20 Deg. Before Top Dead Center 
Intake valve closes ; 30 Deg. After Bottom Dead Center 
Exhaust valve opens ; 30 Deg. Before Bottom Dead Center 
Exhaust valve closes ; 20 Deg. After Top Dead Center 
Inlet Temperature ; Ti = 330 K 
Inlet Pressure ; Pi = 95 kPa 
Exhaust Pressure ; Pe = 105 kPa 
Atmosphere Temperature ; Ta = 300 K 
Atmosphere Pressure ; Pa =101.325 kPa 
Saturation Pressure of Water ; Pg = 3.169 kPa (at 300 K) 
Relative Humudity ; φ = % 40 
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3. 2. Results 
 

     Figure 3 and 4 show the cylinder pressure, unburned and burned gas 
temperatures, as a function of crank angle, respectively. 
 

Figure 3. Cylinder Pressure  
 

Figure 4. Unburned  and Burned Gas Temperatures  
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Engine Performance Results; 
Indicated Mean Effective Pressure ; IMEP = 938.6 kPa 
Indicated Specific Fuel Consumption ; ISFC = 224.344 g / kW-h 
Indicated Efficiency  ; ηi = 0.3656 
Indicated Power ; Pi = 32.34 kW 
Peak Cylinder Pressure ; Pmax = 5070.68 kPa 
Peak Burned Gas Temperature ; Tbmax = 2698 K 
Peak Unburned Gas Temperature ; Tumax = 927 K 
 

3. 3. Conclusion 
 

     A computer code for the simulation of thermodynamic processes, which 
take place in the cylinder of a spark ignition engine, was developed. The 
main objective of the present work was to develop a computer code to 
calculate the cylinder pressure, burned and unburned gas temperatures of a 
spark ignition engine. A good agreement was obtained in the comparison of 
calculated and measured cylinder pressure. The graphical representation of 
the cylinder pressure, burned and unburned gas temperatures as a function 
of crank angle was achieved [9]. 
 

     The comparison between the analytical and experimental results shows 
that the model satisfactorily simulates the cycle of spark ignition engine. 
Thus, the methodology, which is used to develop the model, can be applied 
to the actual spark ignition engines with minimum difficulty. However, 
several areas in the model need further development. Therefore, the 
inclusion of detailed calculations of the gas exchange processes, the blowby 
gas model, and the heat transfer coefficient into the cycle simulation model 
can provide more detailed results. With the extensions mentioned, the 
computer code could be used as a useful design tool. 
 
     Consequently, the thermodynamic model can be used by the automotive 
engineers for predicting the engine performance of a spark ignition engines. 
Hence, by using these results, they can select the optimum spark timing and 
fuelling schedules or improve combustion chamber design. 
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